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1. Introduction

In many practical examples in engineering, vibrations are more than often thought to induce harmful effects reducing
the performance of machines and are thus undesirable [1]. One of the most common approaches of attenuating unwanted
vibrations is to use passive isolation devices [2]. In the ideal case of a mass m supported by an elastic element with
stiffness, k, on a rigid foundation, a linear isolator can only provide efficient attenuation when an excitation frequency is
greater than \/2k/m [1,2]. It is evident that a smaller stiffness leads to a broader frequency band of vibration isolation but
usually encounters the problem of a larger static displacement of the supported mass [3,4]. In recent years quasi-zero
stiffness (QZS) systems have been developed to overcome this disadvantage. A quasi-zero stiffness system possesses a
localized zero stiffness at the equilibrium state. As the deflection increases, the stiffness increases nonlinearly with the
characteristics of a high-static-low-dynamic stiffness system. QZS systems offer the desirable property to satisfy the
requirement of a low natural frequency but small static displacement [5].

There are a number of ways to achieve a QZS property by making use of positive and negative stiffness. Ibrahim [6]
reviewed the recent advances in nonlinear passive vibration isolators in detail. A typical form of a QZS isolator was
designed by connecting a vertical coil spring and two oblique coil springs [1,2,5]. Many other methods of constructing a
QZS system include using six rods and a tension spring [7], combining positive and negative stiffness with a compressed
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rod [8], designing a nonlinear ultra-low frequency horizontal vibration isolation system (VIS) with parallel positive and
inverse pendulums [9], combining a beam subject to an axial load with a positive stiffness spring [10]. In Refs. [11,12], they
showed that a highly deformed pinched loop possesses a softening stiffness. In [13], structural buckling of axially loaded
rods was utilized to improve vibration isolation of a vehicle driver seat. Magnetic springs were introduced to QZS systems
incorporating different prototypes, including the model of using two linear coil springs and three permanent magnets
arranged in an attracting configuration [14], two pairs of magnets [15] and a floating magnet interacting with two fixed
permanent magnets [16]. In [17], the QZS property of the isolator was obtained by connecting a mechanical spring, in
parallel with a magnetic spring that is constructed by a pair of electromagnets and a permanent magnet.

This paper investigates a QZS system based on a prototype of combining an appropriate vertical coil spring (positive
stiffness) with two pitched bars connected with magnet springs (negative stiffness). The motivation for building these
magnetic springs is that the magnets enable the nonlinear repulsive forces to be adjusted flexibly by tuning the distance
between the two opposite magnets, which can then easily reach the condition of the quasi-zero stiffness feature, as
explained in the following section. In addition, the non-contact nature of the forces induced by the magnets offers easy
assembly within the system. The configuration and structural arrangement of permanent magnetic springs exhibit
strongly nonlinearity. Pre-stressed, vertical springs can satisfy the requirement of a variable isolation mass under different
operating conditions.

The aim of this paper is to develop an analytical model with a matching physical model for experimental verification for
the passive QZS isolator that could be useful for applications of a time delay control using electromagnets instead of
permanent magnets in future study. The rest of the paper is organized as follows: in Section 2, the proposed permanent
magnet spring is introduced. Section 3 gives the characterization of the QZS vibration isolation system. In Section 4, the
simulation results of the system are presented, including dynamic analysis and force transmissibility. The experimental
setup and the experimental results are shown in Section 5. Finally, in Section 6, some conclusions on the performance of
the designed isolation system are addressed.

2. The characteristics of the magnet spring components

The magnetic spring is a key component in the design of a QZS vibration isolation system. We consider a magnetic
spring by using a magnetic repulsive force when coupling two magnets by placing the same poles facing each other. Here
we utilize the expression of the repulsive force between two permanent magnets given by

_ BiA,

F=
2119

(1)

according to Ref. [18], where F is the repulsive force between the two permanent magnets (N), B the flux density in the air
gap between the two permanent magnets (Wb/m?), A, the area of the face of the magnet which is acted on by the repulsive
force (m?) and p, the absolute magnetic permeability in a vacuum (47 x 107 H/m).

The flux density B, in the air gap is given by

Lg
V1 +D?

where B; is the residual flux density (Tesla or G) and L; the air gap between two permanent magnets (m or cm).

Note that the above expressions are based on the theoretical assumptions on an ideal magnetic circuit. To calculate the
exact force for any particular two magnets is not straightforward requiring knowledge of the leakage flux, the reluctance
(or magnetic resistance) and the operating point of the dispersion and so on. Other analytical forms in the description of
magnetic force are available [19-21] but too complex to use for the later theoretical analysis of the QZS system dynamics,
all of which means that precise determination of this force is often impractical. Consequently, in what follows, we shall
introduce an empirical method to characterize the force between two magnets.

Two equal sized magnets with the same physical properties are considered. One is fixed while the other is placed
directly above with the same polarity facing the fixed magnet. The two magnets are aligned and centralized with a
common smooth guide-rod through the magnet center holes. The magnetic repulsive force holds the upper magnet in a
floating state, as shown in Fig. 1.

To measure the repulsive force pertaining to the distance between two magnets, an experiment was carried out by
gradually adding a static load to the floating magnet. The disk-shaped magnet is made of NdFeB material with the grade
N35, and the outer diameter is of 60 mm, the diameter of the center hole is 10 mm and the thickness 10 mm. For each
increase in load, the displacement of the floating magnet is recorded. The relation between the repulsive force and the
distance is shown in Fig. 2. According to Ref. [22], the repulsive force between two permanent magnets of equal size can be
assumed to be inversely proportional to the nth power of the distance of the two permanent magnets. However, this
formula does not appear to be suitable for the particular magnet used in this specific experiment. After having tried

B;=B:|1- ()
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Fig. 1. Schematic representation of the permanent magnet spring.
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Fig. 2. Repulsive force between the two magnets; measured values (open circles); and the best-fit curve (solid line).

different equations to fit the data, in a least squares sense, an equation of the form given by
F=(p1 xZ+p>)/(Z+Dp3) (3)

was found to be the simplest that provides an excellent match with the data, as seen in Fig. 2, where F is the repulsive force
between two permanent magnets (N), p; the magnetic coefficient 1 (N), Z the center distance between the two permanent
magnets (mm), p, the magnetic coefficient 2 (N mm) and p; the magnetic coefficient 3 (mm).

Using the experimental data recorded, then the least square method in form of Eq. (3) gives the following coefficients:

p;=-3543N p,=1551Nmm p;=>5.505mm (4)

so that the repulsive force between two permanent magnets is formulated as
F=(—35.43 x Z+1551)/(Z+5.505). (5)

note that this expression may only be suitable for the particular magnets used in this experiment. There are other fitting
expressions for magnetic force, and interested readers can refer to the Ref. [23].

3. The QZS vibration isolation system

A QZS property is generally achievable using the mechanism of combining a negative stiffness element with a positive
stiffness element. A number of configurations have already been reviewed in the introduction. Here we use a specific QZS
system designed by combining two permanent magnet springs aligned in the horizontal direction with one linear vertical
coil spring as shown in Fig. 3a in its unloaded condition. Two connecting rods are joined at the point A with a vertical
stressed linear coil spring of stiffness k. In addition, the coil spring is pre-stressed, i.e. compressed by length §. The other
end of the connecting rod is connected to the free magnet through a hinged joint. The coordinate x defines the
displacement of point A from the initial unloaded position. When a mass is loaded at the point A, the vertical coil spring is
compressed downwards and the two oblique connecting rods push the two free magnets sliding apart along the linear
guide. Under a suitably sized load, point A may reach the position at x=h (point B), which is referred to as an equilibrium
position while the connecting rod is forced to be in the horizontal position. In this regard, the static load is only supported
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(@)

Fig. 3. (a) Schematic representation of the QZS system in the initial position before loading a mass. 1-Fixed magnet, 2-free sliding magnet, 3-connecting
rod, 4-coil spring, and 5-linear guide. (b) Prototype model of the proposed isolation system.

by the vertical spring k at the static equilibrium position. When the system is designed in this way, the two permanent
magnet springs together provide a negative stiffness in the vertical direction and counteract the positive stiffness of the
vertical coil spring. In this way, a QZS system is developed. The motion about this equilibrium position is the primary
interest of this paper.

3.1. Force-displacement characteristic of the two coupled magnet springs

Consider the QZS vibration isolation system in Fig. 3a, in the absence of the vertical coil spring k. The rods connecting
the free magnets and the point A have initial length L and can rotate around the hinged joint. The symbol a and symbol h
represent the horizontal and the vertical distance from the centers of free magnets to point A, respectively. The initial
distance between two magnets is D. The connecting rods are initially set at an angle 0, from the horizontal. A static force f*
is applied at the point A. In the vertical direction, the forces on the connecting rods, via two permanent magnet springs,
balance the applied force. This implies that

f*=2Ftan0 (6)
where F is the force of the permanent magnet spring, and tan0 = (h—x)/1/L*—(h—x)?. When the free magnet moves along

the linear guide with the distance Z from the fixed magnet, noting that L*=h®>+a?, Z=a+D—y/I>—(h—x)%and
F=(p; xZ+p,)/(Z+Dps), Eq. (6) can be written as

Py x (a+D—y/L*~(h—x)*)+p, h—x o
X X
a+D—/I*—(h—x)*+p; \/L?—(h—x)*

note that the force f* will tend to be zero as x—h when the free magnets slide to the extreme ends.

fr=2

3.2. A QZS vibration isolation system

Including the linear vertical coil spring k in the system, as shown in Fig. 3a, the force f of the QZS system can be given by

f=F+kx+ko (8)
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the displacement is set as y = x—h from the equilibrium, and Eq. (8) becomes

p1 x (@+D—y/LI*~y2)+p, y

f=ky+kh+ké-2 x X (9)
a+D—\/[>~y2+p, \JI2—y2
the stiffness of the system can be found by differentiating Eq. (9) with respect to the displacement y, and gives
2(p1p3— 2L%(py +py(a+D—y/L[*—y?
K=k— 2y (p1p3 Pz) _ (p2 p]( Yy )) (]O)

(LP=y2)@+D+ps—\/L*~y2)*  (L>~y2)**(@+D+p3—/L*~y?)

there is a unique relationship between the initial inter-magnetic distance, D, and the vertical coil spring k that yields the
desired stable QZS characteristic. If Eq. (10) is evaluated at the static equilibrium position y =0 then setting K = 0 yields
the stiffness value kg of the coil spring that gives quasi-zero-stiffness is

_ 2Py +2p1(a+Dgzs—L)

= 11
9 L(a+Dgzs—L+p3) (an

the initial inter-magnetic distance D, marked as Dg,s when the property of quasi-zero-stiffness holds, can be expressed as

2py —Kgzslps
Dgps=L+—5—">"""2—qa 12
qzs qusL_zp] ( )
the stiffness of the QZS system can be written as
2 _ 212 (py+p1(@+Dgzs—1/ L2 —y2
Kos = ks 2y%(p1p3—P2) 3 (P2 +D4( qzs ¥4) (13)

(L*~y2)(a@+Dgzs +p3—/L*~y2)*  (L*~y2)*/2(a+Dgzs +p3—1/L*~y?)

the stiffness Ky, varies as a function of the displacement y, plotted in Fig. 4 for several values of the initial inter-magnetic
distance D. Here, the values of parameters of the system are as shown in Table 1.

For D < Dy, the connecting rods dominate the behavior resulting in a region of negative stiffness. For D > Dy, the
stiffness of the system is always positive and exhibits weak nonlinearity. A unique intermediate value of D = Dg exists
which corresponds to a stable equilibrium position with zero stiffness. This condition occurs at the equilibrium position
y = 0 where the negative stiffness from the two oblique connecting rods is exactly counteracted by the positive stiffness of
the vertical coil spring. This can be seen more clearly in Fig. 4, in which the stiffness of whole system is plotted as a
function of displacement for the same set of parameter values.

From Eqgs. (11) and (12), it can be seen that the QZS characteristic of the proposed system can be adjusted by regulating
the initial inter-magnetic distance D when the initial geometry parameters (a and L) and vertical spring kg, are kept the
constant. Fig. 5 illustrates how the value of stiffness ks of the linear vertical coil spring is dependent on the initial inter-
magnetic distance Dgy. As the value of kg,s decreases, the appropriate distance Dy, which leads to QZS characteristic, also
reduces.

-

stiffness (N/mm)
o
3.1

-40 -20 0 20 40
displacement(mm)

Fig. 4. Stiffness of the system when D < Dgzs, D =Dy and D > Dgzs.
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Table 1
The physical parameters of the proposed system.

Parameter Value

m 5.8745 kg

J 24 mm

a 48 mm

L 60 mm

Kqzs 0.9595 N/mm
D 33.7 mm

Y: -0.005333

05 i i i

10 20 30 40 50 60
D _ (mm)
qzs

Fig. 5. Relationship between initial magnetic distance Dy and the linear vertical coil spring Kggs.

i
: : _\ m /i

Fig. 6. Schematic representation of the QZS system in the actual operating position (equilibrium state) after loading a mass; 1-fixed magnet, 2-free
magnet, 3-connecting rod, 4-coil spring, and 5-linear guide.

3.3. QZS vibration isolation system with a suitably sized mass supported

The QZS system shown in Fig. 6 is loaded with a suitably sized mass such that at the static equilibrium position (y = 0)
the inclined connecting rods are in the horizontal position. Initially, at the static equilibrium position, the mass is held in
equilibrium by the compression force of the vertical spring. The gravity force acting on the mass is counter balanced by the
compression force of vertical spring. Therefore, the support load capacity in this system depends only on the stiffness of
the vertical spring kqs and its initial deformation (h+J). When the stiffness of the system is designed to be zero at the
static equilibrium position, then the quantity of the mass can be determined by

mquzs(h+5)/g (14)

if a particular mass is to be isolated, we can employ Eq. (14) to determine suitable parameters for the design of a QZS
vibration system. In applications, the value of the isolation mass may be changed under different operating conditions.
In this case, the inclined connecting rods may not be in the horizontal position at the static equilibrium position. Therefore
the isolation system will not have the zero stiffness characteristic at the static equilibrium position. Thus, the effectiveness
of the vibration isolation of the proposed system will be reduced. However, Eq. (14) shows the parametric dependence
between the isolation mass m and the pre-stressed length ¢ of vertical spring. If this isolation system is prototyped, the
geometry parameter h and the stiffness of vertical spring kq,; cannot be changed easily, but the pre-stressed length ¢ can
be adjusted simply to make the connecting rods in horizontal position. Then the proposed system can maintain the QZS
characteristic at static equilibrium position.
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3.4. Approximation to the stiffness of the QZS vibration isolation system

It would considerably simplify the subsequent dynamic analysis of the QZS system if its stiffness could be described in a
polynomial form. A simplified cubic expression of the force is therefore sought.
Eq. (9) can be expanded using the Taylor Series up to the third order

17 2 111 3
=+ oy +ZOY OV (15)

where y =0 is the point about which the function is expanded. Since the displacement of the system about the static
equilibrium position is of interest, the power series for the force is expanded about this point

f=F0)+Kgzs(0)y +3 Ki(0)y* +3K7,(0)y* (16)

where
f(0)=Kqgz5(0), f'(0) = Ki,5(0) and f”(0) = K7,,5(0).
if a and L are chosen according to Eq. (11), then Eq. (13) can be written as
Kgz5(0)=0 (17)
differentiating Eq. (13) with respect to y gives Kg,(y) and when y =0, it leads to
Ki,(0)=0 (18)

further differentiating Kj,,(y) with respect to y to obtain Kg,,(y), at y =0, it reduces to
B 6p, 6(p, +p(a+D-L)) 6(p,+pi(a+D-L)) (19)
[’(@+D+p;—L)  [*(a+D+p;—Ly }@+D+p;-L)
moreover, if the force is transformed by f; =f—f(0), substituting Eqgs. (17)-(19), then Eq. (16) becomes
f] = %I<gzs(o)y3
_ 10 6p, 6(p, +pi(a+D-L)) 6(p,+pi(@+D-L))) 53 (20)
6\ I[?(@+D+p;—L) L[*(@+D+p3—L)?  L*(a+D+ps;—L)

K gzs (O) =

the approximate stiffness of the QZS system is given as
df .
Kozs_app = dyl =1K,5(0)y?

=1 B 6p, 6(P2+P1(a+D—L))76(P2+P1(‘1+D—L)) 2 (21)
2\ I*a+D+ps-L) [*(@+D+p;—L)y> 3(a+D+p;—L)

Eq. (21) contains a square term of the displacement y. Fig. 7 shows the approximate solution (dot line) along with the
analytical solution (solid line) as well as Carrella’s three coil spring model [1] (dashed line), where the parameters of the
system are taken as the same as before.

The global trends of the three curves are generally agreeable to each other. In fact, the actual vibration amplitude of the
underlying system in experiments is in the scale of millimeters. Considering a vibration oscillation range within 2 mm, the

25 !

analytical
--------- approximate
--{ ===-three spring model
T F B

‘

a
w

stiffness (N/mm)

displacement (mm)

Fig. 7. Solutions of the QZS system stiffness; analytical solution (solid line); and approximate solution (dotted line). A three-spring model of a QZS
mechanism [1] (dashed-dotted line).
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maximum difference between the analytical and approximated curves is remained within 2 percent error around the static
equilibrium position y = 0. This approximation is valuable when it involves subsequent dynamic analysis.

4. Numerical simulations and analysis

The dynamic performance of the QZS vibration isolation system, including the response of amplitude-frequency
equation and force transmissibility of vibration isolation, may be studied by employing the harmonic balance (HB)
method. The operation process is based on the condition that the vertical spring and the two magnet springs are always in
compression. When the mass performs an oscillation driven by an excitation force, then the force is transmitted from the
isolating equipment to the base through the vertical spring and the damper. The transmitted force to the base depends on
the dynamic stiffness of the isolation system.

In this paper, the values of parameters of the proposed system are taken as in Table 1. Fig. 7 plots the stiffness curves of
the QZS system which includes Carrella’s model [1]. The reason for including Carrella’s model here is for a comparison of
the stiffness characteristics between the proposed magnet springs and linear coil springs in [1] because the geometry
structure of two QZS systems is similar. As clearly seen from Fig. 7, the global trend is similar but in the extreme case of
oscillation level of 36 mm, there is about 20 percent difference in stiffness between the approximated magnetic model and
Carrella’s model. However, considering actual vibration in millimeters scale, the difference in stiffness between the two
systems is obviously much less than 5 percent within a vibration amplitude of 2 mm, when the initial geometry
parameters (a and h) and the linear vertical coil spring kqs are held the same as in [1]. It means that the stiffness of our
model based on magnetic springs is relatively softened about 5 percent. Note that the stiffness depends on the parameters
chosen in prototype design, and it is not necessary implying that the magnetic QZS system can generally offer a more
soften characteristic than that of coil spring ones. The proposed system delivers an improved softening characteristic about
the static equilibrium than the three-spring model, which may benefit the low frequency isolation.

4.1. Dynamic response of the QZS system

The system consists of a mass, a linear damper with damping coefficient c, a coil spring and two magnetic springs.
When an exciting force f, is applied to the mass, the mass oscillates around the equilibrium position. The following
hypotheses are applied that the displacement about the static equilibrium position is small; the restoring force can be
expanded using the Maclaurin series up to third order; the system is optimized such that the system has zero stiffness at
the static equilibrium position. The equation of motion of the system about the static equilibrium position can be
approximated by Duffing’s type of equation without a linear term. For harmonic excitation, the non-dimensional equation
of motion is given by

3:/+2ij+“/513 = fcos(Qr) (22)
where
A_l ” A_y z_qus _ o Cc _C() N_IA(LZ e fO
k= 6 Kas(O,y =T, 0= 7 T=0ol, £ = 2mwg’ Q= W’ = mad'’ "~ kel

to investigate the dynamic behavior of the QZS system the HB method is used to determine its approximate analytical
response at the excitation frequency. The reasons for this choice are its simplicity and applicability to strongly nonlinear
systems [24-26]. In this study, the attention is restricted to the system parameters for which the frequency of response is
predominantly the same as that of the harmonic excitation, so that all other insignificant frequency components are
neglected. The solution of Eq. (22) is assumed to be y = Acos(Q27+ ¢), and it yields the characteristic equation

(—QPA+ A 1 (—20QA? =f (23)
the force amplitude of the excitation frequency is f The force transmitted through the QZS appliance and the damper
is given by

fr =799 +209 = pA3cos3(Q1 + @) 2L QASIN(QT + @) (24)

the magnitude of the transmitted force is given by

Fe=1/GyA’y +(2(QA) (25)

of interest in this section is the amplitude of the force transmissibility, which is defined as the ratio of the magnitude of the
force transmitted to the rigid foundation, to the magnitude of the excitation force. The force transmissibility is given by

VGYA ) +(20QA)
T:i: () )f(é ) (26)

f f
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4.2. Comparison between the QZS system and linear system

In order to compare the performance between the designed QZS system and the corresponding linear system, we
consider isolating the same mass under the same external excitation conditions. The linear system is obtained from the
proposed system by removing the two permanent magnet springs. Thus we keep the isolation mass constant, and design
the system parameters according to Eq. (11) for the QZS system. Eq. (26) implies that the smaller value of parameter y
leads to lower force transmissibility of the QZS system. The QZS system performs vibration isolation after the jump-down
frequency according to Ref. [5]. The value of the frequency depends on excitation force, damping ratio and stiffness. In
order for the QZS system to outperform the linear system, the jump-down frequency must hold to be smaller than the
natural frequency of the linear system. Thus we have the condition defined by the inequality (27).

L4
f<—=

V3y

to understand the performance of vibration isolation between the nonlinear QZS system and linear system, Fig. 8 shows

the characteristics via the transmissibility against 2. The physical parameters are used in the numerical calculation
listed in Table 2. The harmonic excitation is sinusoidal and the excitation frequency ranges from 0.1 Hz to 10 Hz.

(27)

—
[\
—

Mgnitude of transnissibilitv(dB)

(b)
o) 60 r & n|
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Fig. 8. Transmissibility of QZS system and linear system versus the non-dimensional excitation frequency for different values of (a) excitation forcef
and (b) damping (.

Table 2
The physical parameter of the system used for simulation.

Parameter Value

y 1.9613

¢ 0.0632, 0.3
f 0.05, 0.5899
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The transmissibility of QZS system is computed by Eq. (26). The solid line shows the response of the linear system and
other lines denote for the QZS system.

Consider the case of the parameter { = 0.0632 and changing the excitation force f from 0.05 to 0.5899. When the non-
dimensional excitation force increases, the transmissibility of QZS system also increases. The least frequency for which a
vibration can be isolated is increased from 0.69 Hz to 2.37 Hz. The greater jump-down frequency means that the region for
isolating vibration is reduced as shown in Fig. 8a. The damping effect is also indicated in Fig. 8b. When setting the
parameterf: 0.5899, and increasing the damping { from 0.0632 to 0.3, the result is that the jump-down frequency and
the peak value of the transmissibility curve are decreased. In this case, however, the transmissibility increases when
excitation involves in higher frequency domain, meaning the vibration attenuation becomes worse in the high frequency
region. It is common that damping always degrades the efficiency of vibration attenuation in high frequency domain.

We do not include Carrella’s model for comparison here because the difference of the stiffness characteristic between
our model and Carrella’s model shown in Fig. 7 is insignificant within 5 percent based on numerical computation under
millimeter scale vibration. Thus we can expect theoretically that the two models are almost equivalent in vibration
isolation performance based on transmissibility in Eq. (26). Since our model is slightly more softening than Carrella’s
model by about 5 percent, our model should slightly improve the performance of force transmissibility but less than 5
percent for sure. The improvement varies within this range also dependent on other conditions of vibration amplitude,
damping and frequency.

5. Experiment apparatus and results
5.1. Experimental setup

In this section, a prototype experiment is investigated that was specifically built for this study to verify the isolation
performance of the proposed system and the physical parameters are listed in Table 1. Fig. 9 shows the experimental setup
for the proposed QZS system. The mass is supported by the vertical spring and moves in the vertical direction through the
guide rod and bushing. Two magnet springs, each of which comprises two permanent magnets and slide blocks in series as
shown in Fig. 9a, are symmetrically arranged on the linear guide. At the static equilibrium position, the connecting rods are
placed in a horizontal position. The initial distance between the two magnets of the magnet spring can be tuned by the gap
tuning device at the two ends of the linear guide. An appropriate initial magnet distance can be adjusted to ensure the
system having the QZS characteristic. The gap tuning device comprises a screw and a pedestal. The pedestal is fixed on the
base. The fixed magnet is positioned by the adjustable screw.

An exciter is placed on the top of the rig to provide external excitation. In between the exciter and the mass a force
sensor is installed to measure the excitation force in experiments. Another force sensor is placed underneath the base to
measure the transmitted force. Thus we are able to estimate the transmissibility during experiments.

@)

Steel frame .
Vibration exciter
Force sensor 1
Magnet spring Mass
: Coil spring
Permanent magnet Connecting rod
Linear guide
Slide block Gap tuning device
Force sensor 2 E L“—U — Support
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Vibration exciter

Force sensor 1

Permanent magnet : bl Coil spring
Slide block e . Linear guide
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Fig. 9. Experimental setup. (a) Schematic representation of the experimental system; (b) prototype of the experimental apparatus.
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5.2. Experiment results

This section presents the isolation performance observed from the experiments to compare the linear system and the
proposed QZS system. The mass is excited in the vertical direction. At the same time the force between the isolation
system and the rigid base was recorded by a force sensor. The isolation system is supported by a sensor and three cylinders
which are made of plexiglass. The plexiglass cylinder is the same size as the force sensor. Four support points are
symmetrically placed at the four corners of the QZS system as Fig. 9b shows. As the layout of the whole QZS system is
axisymmetric, the root mean square (RMS) value of the force transmitted from every support is regarded as being the
same. Therefore, the total transmitted force from the whole QZS system to the rigid foundation is four times of the force
measured by force sensor.

The force transmissibility in the frequency domain, which is defined to be the ratio of the RMS [27] of transmitted force
|F¢| to excitation \f , is recorded. In this case when the excitation signal is sinusoid, the recorded RMS force amplitude and
excitation frequency are given in Table 3. In the experiments, the system can also be excited with a constant force to allow
comparison. When a periodic force is applied and the excitation frequency region is varied from frequency 4.5 Hz to 20 Hz,
the exciter can provide a constant exciting force of RMS 33.961 N. However, in the low frequency region from 0.5 Hz to
4 Hz in the experiments, it is difficult to obtain a constant output of excitation force even if the exciter works with a large
oscillating displacement. Therefore, only using smaller RMS amplitudes of excitation force is necessary.

The experimental results for the transmissibility of force were recorded as shown in Fig. 10. The solid curve describes
the transmissibility of the corresponding linear system against excitation frequency and the other provides the
transmissibility of the QZS system. It reveals that the transmissibility due to using the QZS system has been much
improved around the linear resonance frequency. It is because the fact that the stiffness of the QZS system about
the equilibrium state is close to zero so that the resonance peak has shifted to lower frequencies and is much smaller than
the linear resonance frequency at about 2.4 Hz. The QZS system can attenuate the vibration starting from 1.5 Hz where the
transmissibility value is less than one, while the linear system only enables vibration attenuation starting from about
3.5 Hz. This indicates the excellent performance of the QZS system. The QZS system can extend the vibration isolation to a
much lower frequency, which has always been seen as a difficult problem for conventional technology. It is interesting to
note that in the transmissibility curves the attenuation ability of the QZS system is almost equivalent to, or even slightly
less successful than that of the linear system after 7 Hz. In fact, if the damping of the two systems is the same, then in
numerical simulations at least, the tendency of attenuation ability is also the same in high frequency domain, see Fig. 8.
The reason for the slight difference could be that the actual damping of the QZS system is larger than the linear one
because the QZS system has additional mechanical parts, especially the joints connecting the rods which provide friction
damping to the system. In experiments, it was observed that the damping effect on the performance of the QZS system is
sensitive. Reduction of damping is an important issue for the performance of the QZS system. Low levels of damping can
improve the quality of attenuation when high frequencies are involved and can increase effective isolation domain in the
low frequency band. In Fig. 10, there is a small peak around 17 Hz for the QZS system. The moving parts, including the
sliding blocks and connecting rods, mean that the system is no longer a single degree of freedom system.

Table 3
The RMS amplitude of excitation for different frequency in experiment.

Frequency (Hz) 0.5 1 1.5 2 3 3.5 4 4.5-20
Excitation (N) 2.565 5.497 7.021 9.471 20.055 27.138 30.924 33.961
35 T T T
3t
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Fig. 10. Experimental results of force transmissibility of the QZS system and the linear system.
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Finally we would like to briefly address the tuning procedure adapting to the possible change of mass loaded onto the
system. When the geometric configuration is determined, the ratio of the stiffness between the coil spring and magnetic
springs has to be fixed to satisfy the requirement the QZS property. There are two approaches to tune the system subjected
to the change of loading mass. As loading mass increases for example, the first approach is that we can pre-stress the coil
spring by lifting the support base of the coil spring upwards a certain distance until the loading mass is positioned at the
equilibrium state. In this procedure, the stiffness of the coil spring and magnetic springs are remained the same.
Practically, we can tune the support base through a mechanical mechanism until the rods connected to magnetic springs
are positioned horizontally. The second approach is to change the stiffness of the coil spring and magnetic springs
simultaneously. When the stiffness of the coil spring increases to adapt to the increase of loading mass, the magnetic
springs should be adjusted accordingly to satisfy the requirement of a constant ratio of stiffness. The stiffness of the
magnetic springs is tunable by adjusting the gap between the two magnet disks as shown in Fig. 1 where the stiffness
(slope) depends on the setting of the gap between the two magnetic disks. In practice, we load a mass on a selected coil
spring to make sure that the final loaded position reaches to the equilibrium, and then adjust the gaps of magnet springs.
At the initial stage of the adjustment, we can firstly tune the gap just past the point of quasi-zero stiffness so that the
instability of buckling in the QZS system is observed. Then we gradually release the gaps until the instability disappears
and meanwhile the mass in oscillation initially can always rest on to the equilibrium position. Note that we can also
gradually reduce the gaps just before the instability occurs. By so doing, we can achieve the best result of the QZS property
in real experiments. The positive stiffness of coil spring depends on the size of loading mass, and the size of the permanent
magnets depends on the stiffness of coil spring used because the ratio of the stiffness between the two types of springs
must be remained the same once the geometric configuration is determined.

6. Conclusions

In this paper, we have carried out the theoretical and experimental investigation for a QZS vibration isolation system.
Firstly a permanent magnet spring is introduced, and an approximate expression of repulsive force in the permanent
magnet spring is proposed. This expression, although lacking causal relation, is perhaps accurate enough for most
engineering applications, and makes the subsequent characteristic analysis easier with the simple and useful formulation.

Secondly, a novel prototype of a QZS vibration isolator with nonlinear magnetic springs is developed. The geometrical
configuration for designing the unique feature of quasi-zero stiffness is described and the corresponding mathematical
modeling is formulated. A series of static and dynamic characteristic analyses have been carried out which can be used for
the future development of quasi-zero stiffness systems. This prototype provides a new method for the design of a low
frequency vibration isolator. It is shown that there is a unique relationship between the stiffness of the vertical spring and
distance between magnets that yields a QZS system. When the parameter configuration of QZS system is kept the same,
changing the pre-stressed length ¢ can increase the loading capacity of the isolation mass. Moreover, in practical cases
the approximate stiffness of QZS system can be used instead of the analytical stiffness in subsequent dynamic analysis.
The relationship between the supported mass and the vertical spring is also discussed.

Thirdly, a numerical simulation to compare the QZS system and the linear system has been investigated. The
characteristics of the system including the jumps in frequencies, transmissibility, attenuation limit for excitation force and
the damping effect have all been discussed. Two approaches of the tuning procedure for adapting to the change of loading
mass and quasi-zero stiffness are addressed, which are practically important to experimental investigations.

Finally, the experimental investigation carried out verifies the isolation performance of the QZS system. Experimental
results show that the QZS system does not involve resonance phenomena as compared to the linear system. The excellent
performance for attenuating the vibration of the proposed system can be largely extended to a lower frequency domain in
comparison with the corresponding linear system.
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